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Carbon  dioxide  is  a  safe,  economic  and  environmentally  sustainable  refrigerant  which  can  be  used  in  heat 
pump  and  refrigeration  systems.  Research  into  the  performance  and  benefits  of  a  transcritical  heat  pump 
cycle  using  carbon  dioxide  began  in  the  early  1990s.  Theoretical  and  experimental  research,  as  well  as 
commercial  system  development,  has  improved  transcritical  system  performance  to  a  level  similar  to 
that  of  conventional  heat  pump  systems.  This  paper  presents  an  overview  of  transcritical  carbon  dioxide 
heat  pump  systems.  The  paper  begins  with  a  summary  of  carbon  dioxide's  use  as  a  refrigerant  and  the 
distinctions  of  the  transcritical  cycle,  followed  by  a  numerical  analysis  of  transcritical  cycle  performance. 
The  study  will  then  present  a  review  of  research  on  transcritical  carbon  dioxide  heat  pump  systems, 
which  covers  system  components,  configurations  and  modifications  and  how  these  factors  affect  overall 
system  performance. 
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Nomenclature 

A  heat  transfer  area,  m2 

COP  coefficient  of  performance 

cp  specific  heat,  kJ/kgK 

d  diameter 

G  mass  flux,  kg/m2 

h  specific  enthalpy,  kj/kg 

L  length,  m 

m  mass  flow  rate,  kg/s 

N  compressor  speed,  Hz 

Nu  Nusselt  number 

P  pressure,  Pa 

Pr  Prandl  number 

Q_  heat  transfer  rate,  W 

qw  heat  flux  through  the  tube  wall,  W/m2 

r  compressor  pressure  ratio 

Re  Reynolds  number 

T  temperature,  °C 

A Tap  approach  temperature  difference,  °C 

U  overall  heat  transfer  coefficient,  W/m2  K 

Vs  swept  volume  of  compressor,  m3 

Wcomp  compressor  work,  W 

Greek  letters 
f  friction  factor 

fc  friction  factor  at  constant  thermophysical  proper¬ 

ties 

r /  efficiency 

/x  dynamic  viscosity,  N/m2  s 

£  minor  loss  coefficient 

p  density,  kg/m3 

Subscripts 

b  bulk  temperature 

comp  compressor 

crit  critical 

ev  evaporator 

exp  expansion  device 

gc  gas  cooler 

i  inlet;  inner 

is  isentropic 

o  outlet 

pc  pseudo  critical 

v  volumetric 

w  water;  wall  temperature 


1.  Introduction 

Climate  change  is  a  major  worldwide  concern  with  potentially 
dramatic  impacts  on  developing  and  industrialized  countries  alike. 
The  effort  to  mitigate  climate  change  centers  on  the  reduction 
of  greenhouse  gas  emissions.  Carbon  dioxide  is  the  greenhouse 
gas  which  receives  the  most  attention  due  to  sheer  volume  of 
emissions,  much  of  it  from  power  generation.  However,  other 
atmospheric  pollutants  such  as  methane  and  nitrous  oxide  have  a 
far  greater  impact  on  climate  change  on  a  per  mass  basis.  The  global 
warming  potential  (GWP)  is  a  relative  measure  of  the  heat  trapping 
effect  of  a  gas  in  comparison  to  an  equal  mass  of  carbon  dioxide  over 
a  given  quantity  of  time  in  the  atmosphere  [  1  ].  Methane  and  nitrous 
oxide  have  GWP  values  of  23  and  296  respectively,  both  based  on 
a  100  year  time  span  [2], 

The  goal  of  reducing  greenhouse  gas  emissions  has  become 
a  major  driver  of  technology.  Transportation,  energy  production, 


agriculture  and  manufacturing  sectors  have  all  sought  technologi¬ 
cal  changes  in  order  to  reduce  emissions.  The  heating,  ventilation, 
air  conditioning  and  refrigeration  (HVAC&R)  industry  is  also  devel¬ 
oping  systems  with  lower  impacts  on  climate  change. 

Many  of  the  refrigerants  used  in  HVAC&R  systems  are  potent 
greenhouse  gases.  R1 34a,  for  instance,  has  a  GWP  of  1 300  over  a  1 00 
year  time  span  [2  ].  When  securely  contained  in  a  properly  operating 
system  refrigerants  do  not  impact  climate  change;  however,  system 
leaks  and  improper  recovery  of  refrigerants  during  repairs  or  at 
end  of  life  result  in  these  harmful  gases  entering  the  atmosphere. 
Some  climatologists  have  called  for  a  complete  worldwide  phase¬ 
out  of  refrigerants  with  high  GWP  similar  to  the  phase-out  of  ozone 
depleting  substances  enacted  under  the  Montreal  Protocol  in  1987. 
Already,  the  European  Union  has  approved  the  scheduled  phase¬ 
out  of  mobile  air  conditioning  systems  using  refrigerants  with  GWP 
greater  than  1 50.  This  directive  was  ratified  in  2007  and  went  into 
effect  beginning  in  2008  [3,4]. 

One  potential  replacement  refrigerant  is  carbon  dioxide,  a  nat¬ 
ural  refrigerant  which  has  negligible  impact  on  climate  change. 
Carbon  dioxide  used  in  HVAC&R  systems  has  a  zero  net  impact  on 
climate  change  because  it  has  been  recovered  from  other  indus¬ 
trial  processes  [5],  Furthermore,  carbon  dioxide  (CO2)  is  not  toxic, 
flammable  or  corrosive,  and  it  has  no  impact  on  the  ozone  layer.  It 
is  inexpensive  and  readily  available.  C02’s  performance  as  a  refrig¬ 
erant  in  heat  pump  systems  is  also  competitive  with  refrigerants 
currently  in  use  [5-7], 

2.  Unique  properties  of  carbon  dioxide 

Two  factors  require  special  attention  when  using  C02  as  a  refrig¬ 
erant  for  heat  pump  systems.  One  is  the  low  critical  temperature. 
The  other  is  the  high  working  pressure  required  to  use  C02  under 
typical  heat  pump  conditions. 

Carbon  dioxide  becomes  a  super  critical  fluid  at  31.1  °C  at 
73.7  bar.  In  a  conventional  (subcritical)  heat  pump  cycle,  low  critical 
temperature  (Tcn£)  is  a  disadvantage  because  it  limits  the  operat¬ 
ing  temperature  range;  heat  cannot  be  delivered  at  temperatures 
greater  than  the  critical  temperature.  Further,  at  temperatures  less 
than  but  near  Tcrit .  the  enthalpy  of  vaporization  is  reduced.  This 
leads  to  a  reduction  in  heating  capacity  and  poor  performance  of 
the  system  [6],  Thus  a  conventional  heat  pump  should  avoid  oper¬ 
ating  at  a  heat  rejection  temperature  near  Tcrit ■  In  a  transcritical 
heat  pump,  heat  rejection  pressures  are  greater  than  the  supercrit¬ 
ical  pressure  and  heat  delivery  temperatures  are  no  longer  limited 
by  Tcrtt ■  C02’s  low  critical  temperature  provides  the  opportunity  to 
operate  in  a  transcritical  manner. 

High  working  pressure  is  the  other  notable  distinction  of  C02 
heat  pumps.  Both  subcritical  and  transcritical  heat  pump  systems 
using  C02  operate  at  pressures  greater  than  with  most  other  refrig¬ 
erants.  Subcritical  C02  heat  pumps  may  function  at  pressures  as 
high  as  60-70  bar,  while  transcritical  systems  may  have  pressures 
from  80  to  1 1 0  bar  or  more.  For  comparison,  R1 34a  has  a  saturation 
pressure  of  13.18bar  at  50°C  [8]. 

High  pressure  presents  design  challenges  in  terms  of  component 
robustness  and  compressor  capability;  however,  today’s  manufac¬ 
turing  capabilities  allow  production  of  components  which  can  meet 
these  demands.  In  addition,  high  pressure  presents  some  benefits: 
C02  has  a  relatively  high  vapor  density  and  correspondingly  a  high 
volumetric  heating  capacity.  This  allows  a  smaller  volume  of  C02 
to  be  cycled  to  achieve  the  same  heating  demand  which  allows  for 
smaller  components  and  a  more  compact  system  [5,6], 

3.  A  brief  history  of  C02’s  use  as  a  refrigerant 

Heat  pump  systems  are  closely  related  to  refrigeration  systems, 
but  vapor  compression  cycles  were  developed  for  refrigeration  long 
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before  the  concept  was  applied  to  heating.  Likewise,  refrigerant  flu¬ 
ids  were  developed  for  refrigeration  rather  than  heating.  A  detailed 
history  of  CCVs  role  in  refrigeration  development  was  given  by 
Pearson  [9], 

Carbon  dioxide  was  among  the  first  refrigerants  used  in  com¬ 
mercially  viable  vapor  compression  refrigeration  systems.  Other 
early  refrigerants  included  ether,  ammonia,  sulfur  dioxide  and 
methyl  chloride.  CO2  was  first  used  in  a  vapor  compression  sys¬ 
tem  to  produce  ice  by  Thaddeus  Lowe  in  1866.  The  high  working 
pressures  of  CO2  were  a  hindrance  to  implementation,  allowing 
ammonia  and  sulfur  dioxide  systems  to  become  established  first. 
Ammonia  systems  were  generally  efficient,  but  they  were  quite 
large  and  ammonia’s  toxic  nature  presented  a  safety  hazard.  In 
comparison,  CO2  required  more  fuel  and  more  robust  components, 
but  the  systems  were  much  smaller  and  CO2  leaks  did  not  pose  a 
health  risk. 

For  its  improved  safety  and  compactness  ships  began  to  use 
CO2  for  refrigeration  in  the  1880s  and  90s,  while  on  land  ammo¬ 
nia  was  dominant.  A  further  reason  for  the  divergence  of  land  and 
sea  systems  respectively  to  ammonia  and  CO2  was  condensing 
temperature  and  means  of  condensing.  Due  to  C02’s  low  critical 
temperature,  significant  loss  of  capacity  and  efficiency  occur  as  con¬ 
denser  temperature  increases.  Ammonia  can  operate  under  a  wider 
range  of  condenser  temperatures.  Early  systems  mainly  used  river 
or  sea  water  as  the  heat  sink  for  condensing.  This  provided  the  low 
temperatures  required  for  C02.  Later,  evaporative  coolers  were  uti¬ 
lized  when  a  body  of  water  was  unavailable.  Evaporative  coolers 
generally  produce  higher  condensing  temperatures  which  favored 
ammonia  over  CO2. 

The  land  and  sea  trend  continued  into  the  early  1900s  when 
ammonia’s  improved  safety  record  and  better  manufacturing 
caused  acceptance  of  ammonia  refrigeration  on  ships.  By  the  1930s 
ammonia  plants  were  preferred  even  at  sea  and  the  use  of  C02  for 
refrigeration  further  decreased.  The  final  demise  of  CO2  in  refriger¬ 
ation  was  caused  by  synthetic  refrigerants.  R12  and  R1 1  were  first 
introduced  for  commercial  use  in  1931  and  1932  [10],  They  were 
non-toxic,  non-flammable  and  operated  efficiently  over  a  range 
of  temperatures.  Synthetic  refrigerants  began  to  displace  C02  and 
came  to  dominate  non-industrial  systems  by  the  1950s  and  60s. 

Interest  in  C02  was  renewed  in  the  early  1990s  in  part  due  to 
the  phase-out  of  ozone  depleting  refrigerants.  Norwegian  profes¬ 
sor  Gustav  Lorentzen  has  received  much  of  the  credit  for  the  new 
attention  given  to  CO2,  however,  there  were  others  studying  CO2 
at  the  same  time.  Lorentzen  published  a  patent  application  for  a 
trans-critical  C02  automotive  air  conditioning  system  in  1990  [11]. 
Lorentzen’s  transcritical  cycle  eliminates  the  problem  of  capacity 
and  efficiency  loss  that  subcritical  systems  have  when  operating 
with  heat  rejection  temperatures  near  the  critical  point.  Techno¬ 
logical  and  manufacturing  improvements  make  it  possible  now  to 
achieve  the  high  pressures  required  for  transcritical  operation.  One 
of  the  first  transcritical  CO2  systems  was  a  prototype  automotive 
air  conditioning  system  built  and  tested  by  Lorentzen  and  Pettersen 
[12],  The  system  was  further  reported  by  Pettersen  [13].  Perfor¬ 
mance  was  similar  to  that  of  an  R12  system  and  encouraged  the 
further  development  of  the  transcritical  C02  system. 

Research  into  CO2  refrigeration,  air-conditioning  and  heat  pump 
systems  continues,  but  some  C02  systems  have  already  been  suc¬ 
cessfully  commercialized.  For  nearly  a  decade,  transcritical  CO2 
heat  pump  water  heaters  have  been  commercially  available  in 
Japan.  Introduced  in  2001,  over  1  million  of  the  EcoCute  water 
heaters  had  been  sold  by  2007  [14]  and  sales  topped  2  million 
in  October  of  2009  [15].  Vending  machines  using  a  transcritical 
CO2  refrigeration  cycle  are  becoming  more  common  in  Japan  and 
throughout  Europe.  In  December  of  2009  The  CocaCola  Company 
announced  it  would  phase  out  fluorinated  refrigerants  in  all  new 
vending  machines  by  2015,  switching  primarily  to  CO2  systems 


[16].  In  addition,  CO2  commonly  serves  as  the  low  temperature 
refrigerant  in  cascade  type  industrial  refrigeration  systems,  and 
C02  is  increasingly  used  as  a  secondary  fluid  in  food  display  appli¬ 
cations  where  harmful  refrigerants  must  be  kept  separate  for  safety 
reasons  [10]. 

4.  Comparison  of  conventional  and  transcritical  heat  pump 
systems 

Unlike  combustion-based  and  electrical  resistance  heating  sys¬ 
tems,  a  heat  pump  does  not  generate  heat.  All  heat  pumps,  whether 
conventional  (subcritical)  or  transcritical  provide  heat  by  transfer¬ 
ring  it  from  one  zone  to  another.  The  delivered  heat  energy  can 
be  several  times  greater  than  the  work  input  to  the  heat  pump. 
This  stands  in  contrast  to  combustion  type  heating  systems  which 
deliver  much  less  useful  heat  than  the  energy  contained  its  fuel. 

The  concept  of  a  heat  pump  is  often  credited  to  Lord  Kelvin,  but 
he  did  not  demonstrate  the  concept  [17].  The  first  commercial  heat 
pump  installation  was  in  the  Equitable  Building  of  Portland,  Oregon 
in  1948  [18].  Despite  their  potential  for  energy  savings,  heat  pumps 
have  never  been  the  dominant  method  of  space  heating. 

In  a  conventional  heat  pump,  the  entire  cycle  occurs  below 
the  critical  point  of  the  refrigerant  being  used.  Heat  absorption 
occurs  by  evaporation  of  the  refrigerant  at  low  pressure,  and  heat 
rejection  takes  place  by  condensing  the  high  pressure  refrigerant. 
In  a  transcritical  cycle  an  evaporator  still  serves  the  heat  absorp¬ 
tion  function,  but  heat  rejection  is  not  through  condensation.  The 
refrigerant  pressure  is  increased  into  the  supercritical  region,  and 
heat  rejection  occurs  by  single-phase  sensible  cooling  (gas  cooling). 
Fig.  1  shows  the  distinction  between  a  subcritical  and  a  transcritical 
cycle  on  separate  P-h  diagrams.  Heat  rejection  takes  place  via  the 
gas  cooler  rather  than  a  condenser. 

To  make  effective  use  of  the  transcritical  cycle,  the  large  pres¬ 
sure  difference  and  the  uniqueness  of  the  gas  cooling  process  must 
be  addressed.  Optimization  of  the  transcritical  cycle  depends  on  the 
components  and  various  operating  parameters  which  are  different 
from  the  conventional  cycle.  Certain  heating  applications  benefit 
from  the  unique  characteristics  of  the  transcritical  cycle.  An  exam¬ 
ple  is  heating  applications  that  require  a  very  large  temperature 
increase.  Since  the  gas  cooler  rejects  heat  by  sensible  cooling,  the 
difference  between  the  inlet  and  outlet  temperatures  (temperature 
glide)  is  much  greater  than  in  a  condensing  process.  Thus  the  tran¬ 
scritical  cycle  is  more  beneficial  for  heating  applications  requiring 
large  temperature  increase. 

The  pressure  difference  between  the  heat  rejection  pressure 
(gas  cooler  pressure)  and  the  heat  absorption  pressure  (evapora¬ 
tor  pressure)  is  much  greater  in  a  transcritical  C02  system  than  in 
a  typical  subcritical  system.  This  results  in  large  thermodynamic 
losses  during  the  expansion  process.  However,  the  large  pressure 
difference  also  makes  it  feasible  to  implement  an  expansion  work 
recovery  device  into  the  system.  Expansion  work  recover  could  par¬ 
tially  compensate  for  the  large  the  throttling  losses  of  transcritical 
C02  heat  pumps  [19].  It  should  also  be  noted  that  the  transcriti¬ 
cal  system's  pressure  ratio  is  actually  lower  than  that  of  the  many 
conventional  systems.  Transcritical  C02  systems  typically  operate 
at  a  pressure  ratio  of  three  or  four  while  an  R134a  system  may 
operate  with  a  pressure  ratio  up  to  eight  [20].  The  lower  pressure 
ratio  allows  the  transcritical  system’s  compressor  to  operate  with 
greater  efficiency. 

5.  Modeling  and  analysis 

Modeling  of  a  transcritical  carbon  dioxide  heat  pump  system 
is  conducted  based  on  thermodynamic  analysis  of  the  system 
and  based  on  the  transport  characteristics  of  the  refrigerant  and 


4016 


B.T.  Austin,  K.  Sumathy  /  Renewable  and  Sustainable  Energy  Reviews  15(201 1 )  4013-4029 


Fig.  1.  P-h  diagrams  showing:  (a)  subcritical  cycle  and  (b)  transcritical  cycle. 


secondary  fluids.  The  governing  thermodynamic  equations  for  each 
component  of  a  basic  transcritical  heat  pump  are  presented  in 
Sections  5.1 .1  -5.1 .4  while  the  heat  transfer  and  pressure  drop  char¬ 
acteristics  of  C02  are  presented  in  Sections  5.2.1 -5.2.3. 

Modeling  of  heat  pump  systems  usually  involves  certain  simpli¬ 
fying  assumptions.  Typical  assumptions  for  transcritical  C02  heat 
pumps  include: 

•  The  system  is  operating  at  steady  state. 

•  Changes  in  kinetic  and  potential  energy  are  negligible. 

•  Compressor  operates  adiabatically. 

•  All  heat  exchangers  operate  adiabatically. 

•  Heat  loss  in  connecting  piping  is  negligible. 

•  The  expansion  process  is  isenthalpic. 


5.1.  Thermodynamic  analysis 


Heat  pump  performance  is  typically  discussed  in  terms  of  heat¬ 
ing  capacity  and  coefficient  of  performance  (COP).  Heating  capacity 
is  the  amount  of  heat  delivered  by  the  system.  It  is  calculated  as 
shown  in  Eq.  (1 )  where  m  is  the  refrigerant  mass  flow  rate  and  hgci 
and  hgc,o  are  the  refrigerant  enthalpy  values  at  the  gas  cooler  inlet 
and  outlet  respectively.  Coefficient  of  performance  (COP)  can  be 
defined  in  terms  of  heating  or  cooling.  For  heating,  it  is  the  ratio 
of  heat  output  to  compressor  work.  The  cooling  COP  is  the  ratio  of 
heat  removed  over  compressor  work.  COP  values  are  calculated  as 
shown  in  Eqs.  (2)  and  (3). 


Qcapacity  —  hi  X  (hgcj  hgc,o) 

h<rr  i  —  hnrn 


COP, 


heating  : 


lcomp 


o  hCl 


(1) 

(2) 


both  the  refrigerant  side  and  the  water  side  as  shown  in  Eqs.  (5) 
and  (6)  respectively. 

Qgc  =  hi  x  (hgc.i  —  hgc,o)  (5) 

Qgc  =  hiw  x  Cp'W  x  ( Tgc,w,o  —  Tgc  wj)  (6) 

Heat  transfer  in  a  concentric  tube  gas  cooler  is  generally  con¬ 
sidered  to  occur  only  in  the  radial  direction  and  heat  transfer  along 
the  tubes  is  negligible.  The  temperature  gradient  along  the  tubes 
is  much  greater  in  a  gas  cooler  than  in  a  conventional  condenser 
or  evaporator.  This  has  raised  some  question  as  to  the  suitability 
of  assuming  negligible  longitudinal  heat  transfer.  In  a  numerical 
study  Asinari  et  al.  [21]  determined  that,  even  in  the  regions  with 
the  greatest  temperature  gradient,  the  impacts  of  longitudinal  heat 
flow  in  gas  cooler  tubes  is  negligible. 

The  heat  transfer  rate,  QgC,  can  be  defined  based  on  the  overall 
heat  transfer  coefficient  and  the  temperature  difference  between 
the  two  fluids.  Heat  transfer  rate  is  calculated  in  Eq.  (7)  using  the 
logarithmic  mean  temperature  difference  method.  In  this  equation 
U  is  the  overall  heat  transfer  coefficient  and  A  is  the  heat  transfer 
area. 


Qgc  =  UA  x 


( 7gc,i  —  lgc,w,o)  —  ( Tgc,o  ~  Tgc,w,i ) 

ln(TgC,,-  —  TgC,w,o)/{Tgc,o  —  Tgcwj) 


(7) 


5.1.2.  Evaporator 

Energy  balance  and  heat  transfer  equations  for  the  evaporator 
are  similar  to  that  of  the  gas  cooler,  as  shown  in  Eqs.  (8)-(10). 


Qev  —  hi  x  (flec,o  —  hevj )  (8) 

Qev  =  01  iv  X  Cp  W  x  (Tev  w  j  —  Teipw.o )  (9) 


COP, 


cooling  — 


he v,o  —  hev  i 


lcomp. 


o  —  h, 


compp 


(3) 


Qev  =  UA  X 


( Tev,w,i  ~  ’I'ev.o)  —  (Pei/.w.o 

!n(  /eL,  U'.j  P ev,o) / (Jeicw.o 


(10) 


The  analysis  of  heat  pumps  generally  assumes  steady  refrigerant 
flow;  therefore,  for  all  components,  inlet  and  outlet  flow  rates  are 
equal. 

rhj  =  rh0  =  hi  (4) 

Each  component  of  the  system  can  be  defined  by  an  energy 
balance  equation.  For  clarity,  the  following  section  will  develop 
equations  assuming  both  the  gas  cooler  and  evaporator  are 
concentric-tube,  counter-flow  heat  exchangers  with  C02  flowing 
in  the  inner  tube  and  water  used  as  the  secondary  fluid. 

5.1.1.  Gas  cooler 

The  gas  cooler  is  typically  modeled  as  a  concentric  tube  counter 
flow  heat  exchanger.  Energy  balance  equations  can  be  defined  for 


5.1.3.  Compressor 

With  the  assumption  that  the  compressor  is  operating  adia¬ 
batically,  the  compressor  work  can  be  calculated  as  shown  in  Eq. 
(11). 

Wcomp  =  7.  x  {hdischarge,is  ~  ^suction)  (H) 

'/is 

The  mass  flow  rate  (m)  can  be  related  to  compressor  operation  as 
defined  in  Eq.  (12),  where  Vswept  is  the  swept  volume  of  the  com¬ 
pressor,  pv  is  the  volumetric  efficiency  of  the  compressor,  N  is  the 
compressor  speed  and  pSUction  is  the  density  of  the  refrigerant  at  the 
suction  port. 

hi  =  Vs  X  T]v  X  N  x  Psuction 


(12) 
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The  volumetric  and  isentropic  efficiencies  are  both  functions 
of  the  compressor  pressure  ratio  (r)  and  can  be  estimated  by  the 
correlation  given  in  Eqs.  (13)  and  (14)  [22]. 

r/v  =  0.9207  -  0.0756  x  (r)  +  0.0018  x  (r)2  (13) 

pis  =  -0.26  +  0.7952  x  (r)  -  0.2803  x  (r)2 

+  0.0414  x(r)3  - 0.0022  x(r)4  (14) 


5.1.4.  Expansion  device 

The  energy  balance  for  the  expansion  device  is  straightforward 
since  it  is  being  modeled  as  isenthalpic. 

^exp.i  =  frexp.o  (15) 

5.2.  C02  transport  characteristics 

In  the  subcritical  and  supercritical  regions,  the  magnitude  and 
variation  of  transport  properties  of  CO2  (viscosity  and  thermal  con¬ 
ductivity)  and  other  properties  are  significantly  different  from  that 
of  other  fluids.  Consequently,  well  established  correlations  which 
relate  the  heat  transfer  coefficient  and  pressure  drop  under  differ¬ 
ent  conditions  are  inaccurate  for  C02.  In  order  to  create  sufficient 
numerical  models  of  transcritical  heat  pump  systems  using  C02, 
accurate  correlations  are  needed  to  predict  the  heat  transfer  coef¬ 
ficient  and  pressure  drop  during  supercritical  gas  cooling,  single 
phase  heating  and  cooling,  and  flow  boiling  processes. 

5.2.1.  Heat  transfer  correlations:  supercritical  cooling 

Many  of  the  properties  of  supercritical  carbon  dioxide  vary 
widely  with  temperature  and  pressure.  Property  variation  is  great¬ 
est  in  a  region  near  the  pseudo  critical  temperature.  The  pseudo 
critical  temperature  (Tpc)  is  defined  as  the  temperature  at  which 
the  specific  heat  of  C02  reaches  a  maximum.  Eq.  (16)  can  be  used 
to  determine  Tpc  of  C02,  which  is  proportional  to  the  pressure  con¬ 
dition  [23], 

Tpc  =  -31.40  +  12.15P  -  0.6927P2  +  0.03160P3  -  0.0007521P4 

(16) 


The  variation  in  C02’s  properties  impacts  the  heat  transfer  and 
flow  characteristics  including  viscosity,  thermal  conductivity,  spe¬ 
cific  heat  and  density.  These  variations  must  be  taken  into  account 
in  heat  transfer  correlations  of  supercritical  C02  during  cooling 
process.  It  should  be  pointed  out  that  correlations  developed  for 
supercritical  heating  do  not  accurately  predict  the  heat  transfer 
during  supercritical  cooling. 

Early  development  of  a  supercritical  heat  transfer  correlation  for 
C02  was  conducted  by  Krasnoshchekov  et  al.  [24]  on  turbulent  flow, 
and  Baskov  et  al.  [25]  later  found  that  the  correlation  over  predicted 
their  experimental  results.  Petrov  and  Popov  [26]  developed  a  new 
correlation  by  modifying  an  earlier  Nusselt  correlation  of  Petukhov 
and  Popov  [27]. 

More  recently  the  subject  of  cooling  supercritical  C02  heat 
transfer  correlation  in  horizontal  channels  and  microchannels  has 
been  investigated  by  several  researchers  [28-38].  Yoon  et  al.  [28] 
conducted  an  experimental  study  to  determine  the  heat  transfer 
coefficient  for  C02  flowing  in  a  7.73  mm  horizontal  tube.  Based  on 
the  experimental  results  a  new  correlation  was  proposed  which 
was  a  modification  of  the  Baskov  correlation  [25].  A  study  by  Oh 
and  Son  [39]  compared  the  correlations  of  several  recent  studies 
and  found  the  correlation  of  Yoon  et  al.  [28]  to  be  one  of  the  most 
accurate  for  macro-channels. 


The  correlation  of  Yoon  et  al.  [28],  as  shown  in  Eq.  (17)  has  two 
sets  of  parameters  that  apply  respectively  to  temperatures  greater 
than  Tpc  and  temperatures  less  than  or  equal  to  Tpc  Many  corre¬ 
lations  require  properties  to  be  evaluated  at  the  bulk  temperature 
and  at  the  wall  temperature.  For  engineering  and  design  purposes, 
the  bulk  temperature  is  typically  known,  but  the  wall  temperature 
of  the  heat  exchanger  is  unknown.  The  correlation  of  Yoon  et  al. 
[28]  is  more  applicable  for  engineering  purposes  since  it  uses  the 
bulk  temperature  for  all  property  evaluation. 

Nut,  aRebbPrcb(^ 

for  Tb  <  Tpc  :  a  =  0.14,  b=0.69,  c=0.66,  n=0  (1?:) 

for  Tb  <  Tpc  :  a=0. 013,  b=1.0,  c=-0.05,  n=1.6 

5.2.2.  Pressure  drop  correlations:  supercritical  flow 

The  pressure  drop  for  supercritical  C02  can  be  expressed  by  the 
Darcy-Weisback  equation  for  single-phase  pressure  drop  as  shown 
in  Eq.  (18),  where  /  is  the  friction  factor  and  f  is  the  minor  loss 
coefficient. 


The  friction  factor  has  been  defined  by  Blasius  for  turbulent  flow 
in  smooth  tubes  as  shown  below: 


0316  forRe<2xl04  (19a) 

ReV4 

f=0A84  foj- Re  <  2  x  1Q4  (19b) 

Re1/5 

Petrov  and  Popov  [40]  developed  a  correlation  for  the  pressure 
drop  of  cooling  supercritical  C02  and  defined  the  friction  factor  as 
in  Eqs.  (20a)  and  (20b). 


c  r  Pw 
J  Jc.W  — 
Pb 


s 


for  1.4  x  104  <  Rew  <  7.9  x  105 


for  3.1  x  104  <  Reb  <  8.0  x  105 


(20a) 


s  =  0.023 


(20b) 


In  this  expression  the  subscripts  w  and  b  signify  properties  eval¬ 
uated  at  the  wall  and  bulk  temperatures  respectively.  f0  w  is  the 
friction  factor  at  constant  thermophysical  properties. 

More  recently,  several  authors  [28,29,32,41,42]  have  analyzed 
the  pressure  drop  of  cooling  supercritical  C02  in  order  to  compare 
the  results  to  established  correlations.  Cheng  et  al.  [43]  reviewed 
the  pressure  drop  findings  of  several  authors  and  compared  the 
results.  Cheng  et  al.  concluded  that  the  Blasius  equation  for  friction 
factor  predicts  the  pressure  drop  of  cooling  supercritical  C02  in 
both  micro-  and  macro-channels  with  sufficient  accuracy. 


5.2.3.  Heat  transfer  and  pressure  drop  correlations:  flow  boiling 

The  pressure  drop  and  heat  transfer  characteristics  of  C02  dur¬ 
ing  flow  boiling  have  been  analyzed  in  many  research  works 
[44-52],  The  results  of  the  studies  have  typically  concluded  that  the 
generalized  correlations  for  pressure  drop  and  heat  transfer  do  not 
adequately  predict  the  behavior  of  C02.  This  has  led  some  authors 
to  develop  new  predictive  correlations  specific  to  C02. 

Mastrullo  et  al.  [53]  compared  experimental  data  to  the  pressure 
drop  and  heat  transfer  predicted  by  several  correlations.  The  corre¬ 
lations  of  Cheng  et  al.  [54]  and  Jung  et  al.  [55]  were  found  to  most 
accurately  predict  the  heat  transfer  coefficient  of  C02.  The  correla¬ 
tion  of  Cheng  et  al.  was  developed  specifically  for  C02  while  Jung 
et  al.’s  correlation  was  developed  as  a  general  fluid  correlation.  The 
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generalized  pressure  drop  correlations  of  Muller-Steinhagen  and 
Heck  [56]  and  Friedel  [57]  provided  the  closest  prediction  of  the 
experimental  data. 


6.  Performance  of  transcritical  CO2  heat  pump  systems 

A  heat  pump  is  generally  used  to  heat  either  air  or  water.  Air, 
for  example,  may  be  heated  for  the  purpose  of  space  heating,  while 
water  may  be  heated  for  domestic  hot  water  or  spacing  heating. 
The  use  of  air  or  water  as  the  heat  recovery  fluid  affects  the  heat 
flux  at  the  gas  cooler  due  to  the  differing  thermophysical  proper¬ 
ties  of  the  fluids.  Likewise,  the  evaporator  may  be  absorbing  heat 
from  different  sources  such  as  ambient  air,  water  from  a  lake  or 
the  ground,  which  will  impact  the  heat  exchange.  These  factors, 
directly  or  indirectly,  will  influence  the  operating  parameters  and 
hence  will  impact  the  performance  of  a  heat  pump.  This  review 
includes  theoretical  and  experimental  works  conducted  with  both 
air  and  water  as  the  heat  source  and  heat  sink  fluids. 

An  air  conditioning  or  refrigeration  system  is  essentially  the 
same  as  a  heat  pump  except  that  the  desired  output  is  different  and 
the  operating  temperatures  are  different.  Because  the  systems  are 
similar,  research  on  transcritical  C02  air  conditioning  and  refrig¬ 
eration  systems  can  be  instructive  for  transcritical  C02  heat  pump 
development  as  well.  For  this  reason,  studies  on  systems  designed 
for  cooling  purposes  have  been  included  in  this  review.  It  must  be 
taken  into  account  that  the  COP  and  capacity  are  defined  differ¬ 
ently  for  cooling  systems.  Cooling  capacity  is  the  amount  of  heat 
absorbed  by  the  evaporator,  while  COPcoo/ing  is  the  ratio  of  cooling 
capacity  to  work  input. 

6. 3 .  Performance  characteristics  of  basic  systems 

The  most  basic  transcritical  C02  heat  pump  (TCHP)  system  is 
comprised  of  an  evaporator,  compressor,  gas  cooler  and  expansion 
device  only.  The  addition  of  certain  components  such  as  an  accu¬ 
mulator  or  a  suction  line  heat  exchanger  is  not  considered  a  major 
system  modification,  and  in  this  review  these  systems  will  still  be 
considered  basic. 

A  large  number  of  studies  have  modeled  the  operation  of  TCHPs 
to  obtain  a  better  understanding  of  the  impacts  of  various  operating 
parameters.  Most  models  have  been  validated  against  experimental 
data  or  results  of  other  published  works. 

In  the  supercritical  region,  the  temperature  and  pressure  are 
independent  properties,  thus  the  outlet  temperature  of  the  gas 
cooler  is  independent  of  the  pressure.  Several  simulations  revealed 
that  an  optimum  gas  cooler  pressure  exists  for  a  given  gas  cooler 
outlet  temperature  [58-61].  Kauf  [58]  correlated  the  optimum 
pressure  in  terms  of  ambient  temperature  of  air,  which  was  the  heat 
recovery  fluid  for  the  gas  cooler.  Liao  et  al.  [59]  derived  a  correlation 
for  optimum  pressure  based  on  the  evaporator  temperature  and  the 
gas  cooler  outlet  temperature.  Similarly,  Sarkar  et  al.  [60]  used  gas 
cooler  outlet  temperature  and  evaporator  temperature  to  develop 
correlations  for  optimum  pressure,  system  COP  and  optimal  gas 
cooler  inlet  temperature.  Zhang  et  al.  [61]  analyzed  the  optimum 
discharge  pressure  using  a  system  with  two  stage  expansion  via 
throttling  valves. 

The  heat  transfer  process  in  the  gas  cooler  is  also  very  differ¬ 
ent  from  the  condensing  process  of  conventional  refrigerants  as 
shown  in  Fig.  2.  Because  heat  transfer  occurs  by  sensible  cooling, 
the  difference  between  the  C02  temperature  at  the  gas  cooler  inlet 
and  outlet  is  typically  larger  than  during  heat  rejection  by  con¬ 
densation.  This  temperature  difference  is  known  as  the  refrigerant 
temperature  glide.  Compared  to  a  condensation  process,  the  glid¬ 
ing  temperature  profile  of  C02  can  be  more  closely  matched  to  the 


Fig.  2.  Temperature  profile  for  heat  rejection  by:  (a)  condensation  process  and  (b) 
supercritical  gas  cooling  process. 


gliding  temperature  profile  of  the  secondary  fluid,  which  improves 
heat  exchanger  effectiveness. 

The  performance  of  a  TCHP  improves  when  the  temperature 
glide  increases.  Results  from  a  simulation  by  Laipradit  et  al.  [62] 
showed  that  COP  increased  as  water  inlet  temperature  decreased. 
The  reduced  water  inlet  temperature  corresponds  with  a  reduced 
refrigerant  temperature  at  the  gas  cooler  outlet  and  hence  a  larger 
refrigerant  temperature  glide. 

Confirming  the  impact  of  temperature  glide,  a  theoretical  and 
experimental  study  by  Cecchinato  et  al.  [63]  showed  that  the  COP 
of  a  TCHP  increased  significantly  as  the  water  temperature  glide 
increased.  An  air-source  C02  heat  pump  water  heater  was  tested 
by  heating  water  from  1 5  to  45  °C  and  40  to  45  °C  in  separate  trials. 
The  trials  were  also  run  for  three  different  gas  cooler  lengths.  COP 
was  56-84%  greater  for  the  15-45°C  temperature  rise.  The  best 
performance  improvements  resulted  from  the  gas  cooler  with  the 
largest  heat  transfer  area. 

An  experimental  study  by  Fernandez  et  al.  [64]  examined  the 
overall  performance  of  a  C02  system  connected  to  a  storage  tank 
under  three  different  heating  conditions.  The  three  scenarios  rep¬ 
resent:  initial  heating  of  a  tank  from  15  to  57.2  °C;  reheating  to 
57.2  °C  after  cooling  due  to  standby  loss,  and  reheating  to  57.2  °C 
after  cold  make-up  water  is  added  to  the  tank.  The  first  scenario  has 
the  largest  water  temperature  glide  since  the  entire  tank  must  be 
heated  froml5  to  57.2  °C.  In  scenario  two  the  tank  is  at  an  average 
temperature  of  42.2  °C  with  a  small  vertical  temperature  gradient 
in  the  tank.  This  represents  the  smallest  temperature  glide.  In  the 
third  scenario  the  average  tank  temperature  is  42.2  °C  but  signifi¬ 
cant  stratification  occurs  in  the  tank  due  to  the  cold  make-up  water 
remaining  in  the  bottom  of  the  tank.  Water  in  the  bottom  of  the 
tank  is  at  a  temperature  much  lower  than  the  average,  indicating  a 
medium  temperature  glide.  Overall  performance  was  best  for  initial 
heating  and  worst  for  standby  loss  reheating.  Compared  to  initial 
tank  heating,  COPs  were  30-40%  lower  for  standby  loss  reheating. 

Because  C02  can  provide  a  large  temperature  glide  TCHP  per¬ 
formance  can  actually  benefit  from  multiple  heating  loads.  Stene 
[65]  performed  an  experimental  and  theoretical  study  on  a  dual 
function  heat  pump  water  heater.  The  schematic  of  the  system 
is  shown  in  Fig.  3.  The  gas  cooler  was  partitioned  to  separately 
serve  the  functions  of  domestic  water  preheating,  space  heating 
and  domestic  water  reheating.  In  this  way,  the  temperature  profile 
of  the  water  through  the  gas  cooler  most  closely  matches  that  of 
C02  and  thus  the  temperature  glide  can  be  used  advantageously. 
COP  was  greatest  for  combined  mode  operation,  slightly  lower  for 
domestic  water  heating  only,  and  lowest  for  space  heating  only 
operation.  This  trend  is  opposite  to  that  of  a  heat  pump  using  a 
conventional  refrigerant  in  which  COP  is  best  for  space  heating  only 
and  worst  for  dual  mode.  The  authors  of  the  study  recommended 
that  to  achieve  comparable  performance  to  a  heat  pump  using  a 
hydro  fluoro  carbon  refrigerant,  the  heating  demand  for  hot  water 
production  must  constitute  at  least  25%  of  the  total  annual  heat¬ 
ing  demand  of  the  residence.  Also,  the  return  temperature  in  the 
space  heating  system  must  be  30  °C  or  lower.  Finally,  the  city  water 
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Fig.  3.  Schematic  diagram  of  TCHP  with  partitioned  gas  cooler  for  dual-function 
heating  [65], 

temperature  must  be  1 0  °C  or  lower  and  temperature  stratification 
must  be  maintained  in  the  domestic  hot  water  storage  tank. 

A  common  addition  to  the  most  basic  system  is  the  suction  line 
heat  exchanger  (SLHX).  An  SLHX  brings  the  discharge  vapor  of  the 
gas  cooler  into  thermal  exchange  with  the  discharge  vapor  of  the 
evaporator  by  means  of  a  counter-flow  heat  exchanger,  as  shown  in 
Fig.  3.  The  SLHX  serves  to  subcool  the  gas  cooler  vapor  before  it  goes 
through  the  expansion  process.  At  the  same  time  the  evaporator 
vapor  is  superheated  before  it  enters  the  compressor.  A  simulation 
performed  by  Robinson  and  Groll  [66]  obtained  a  7%  increase  in 
COP  when  a  SLHX  was  added  to  a  basic  transcritical  C02  heat  pump 
system. 

The  effects  of  an  SLHX  on  the  performance  of  a  TCHP  water 
heater  were  also  investigated  by  Kim  et  al.  [67],  The  simulation 
model  was  validated  against  experimental  data  and  the  model  was 
used  to  optimize  SLHX  size  with  respect  to  gas  cooler  pressure.  The 
model  revealed  that  system  COP  improves  slightly  with  increased 
SLHX  length,  but  only  up  to  a  certain  gas  cooler  pressure.  COP 
improved  up  to  4%.  In  addition,  the  authors  concluded  that  the 
optimum  gas  cooler  pressure  decreases  as  SLHX  length  increases. 
These  results  confirm  the  findings  of  Chen  and  Gu  [68]  who  deter¬ 
mined  that  as  SLHX  effectiveness  increases,  the  optimum  pressure 
decreases  and  the  COP  increases. 

White  et  al.  [69]  used  a  theoretical  model  to  compare  the  per¬ 
formance  of  a  system  with  an  SLHX  versus  a  system  in  which  the 
heat  exchange  area  of  the  gas  cooler  was  increased  but  the  SLHX 
was  absent.  Specifically,  the  heat  transfer  area  of  the  gas  cooler  was 
increased  by  an  amount  equal  to  the  heat  transfer  area  of  the  SLHX; 
this  increased  the  gas  cooler  size  by  1 7%.  The  modification  increased 
the  optimum  gas  cooler  pressure  from  1 1 0  to  1 24  bar,  which  in  turn 
affected  a  20%  increase  in  the  heating  capacity,  though  the  COP 
remained  unchanged.  The  mass  flow  rate  also  increased  which  is 
due  to  the  higher  density  (due  to  lower  temperature)  of  the  vapor 
at  the  compressor  inlet.  The  authors  attribute  the  capacity  increase 
primarily  to  the  increased  C02  flow  rate. 

A  transcritical  C02  heat  pump  can  also  be  used  to  simulta¬ 
neously  provide  a  supply  of  heated  water  and  cold  water,  thus 
maximizing  efficiency.  Sarkar  et  al.  [70]  theoretically  analyzed  a 
system  designed  for  simultaneous  heating  and  cooling  of  water. 
One  stream  of  water  served  as  the  heat  source  and  was  thus  cooled 
by  the  evaporator.  A  second  stream  of  water  served  as  the  heat 
sink  and  was  thus  heated  in  the  gas  cooler.  The  two  water  streams 
entered  the  respective  heat  exchangers  at  the  same  temperature. 
The  study  analyzed  the  ratio  between  gas  cooler  area  and  evapora¬ 
tor  area.  For  the  test  conditions  the  optimum  ratio  ranged  from  1.6 
to  1.9. 

Another  simulation  involving  simultaneous  heating  and  cooling 
was  performed  by  Byrne  et  al.  [71  ].  The  study  compared  the  energy 
consumption  of  a  simultaneous  heating  and  cooling  system  to  that 


of  two  individual  heat  pumps  performing  the  heating  and  cooling 
operations  separately.  The  simultaneous  TCHP  system  consumed 
27%  less  electricity  than  the  two  separate  TCHPs  operating  under 
the  same  conditions. 

The  use  of  C02  for  high  temperature  water  heating  was  consid¬ 
ered  in  an  experimental  and  theoretical  study  by  White  et  al.  [69]. 
The  experimental  system  was  tested  for  water  output  temperatures 
of  65,  77.5  and  90  °C;  the  simulation  model  analyzed  output  tem¬ 
peratures  as  high  as  1 20  °C.  At  evaporation  temperatures  of  -6.4  °C, 
the  maximum  COP  of  the  experimental  system  was  approximately 
3.0  for  the  90  °C  temperature.  The  model  predicted  a  21%  decrease 
in  COP  and  a  33%  decrease  in  heating  capacity  as  water  tempera¬ 
ture  increased  from  65  to  120  °C.  Sarkar  et  al.  [72]  also  investigated 
high  temperature  water  heating  and  concluded  that  C02  was  not 
recommended  for  output  temperatures  greater  than  200  C  due  to 
excessively  high  pressures.  At  an  output  temperature  of  200  °C,  the 
optimum  discharge  pressure  was  over  20  MPa. 

One  of  the  early  experimental  studies  on  TCHP  water  heaters 
was  performed  by  Neksa  et  al.  [73],  The  prototype  system  included 
a  suction  line  heat  exchanger.  The  evaporator  pressure  and  temper¬ 
ature  were  35  bar  and  0  °C  respectively,  and  gas  cooler  pressure  was 
90  bar.  The  system  operated  with  a  COP  of  4.3  while  heating  water 
from  8°C  to  60  °C.  The  COP  decreased  to  3.0  when  the  evaporator 
temperature  was  reduced  to  -20  °C. 

Anstett  [74]  reported  the  performance  of  an  air-source  TCHP 
water  heater  installed  in  a  hospital.  The  heat  pump  was  designed  to 
deliver  hot  water  at  temperatures  between  60  and  80  °C  with  water 
inlet  temperatures  as  low  as  1 0  °C  and  ambient  temperatures  from 
—20  to  40  °C.  COP  ranged  from  2  to  5  for  the  system.  Performance 
was  good  even  at  low  ambient  temperatures,  for  instance,  at  an 
ambient  temperature  of  -5  °C  the  system  delivered  water  at  70  °C 
with  a  COP  of  2.5. 

Another  application  of  transcritical  C02  heat  pumps  is  hydronic 
floor  heating.  Hihara  [75]  tested  an  experimental  TCHP  designed 
for  domestic  water  heating  and  on-demand  hydronic  floor  heat¬ 
ing.  The  water  heating  took  place  at  night  when  electricity  cost  is 
low.  Hot  water  was  stored  in  a  large  insulated  storage  tank.  Per¬ 
formance  was  tested  for  various  demand  conditions  and  seasonal 
performance  was  calculated  based  on  assumed  daily  demand  mod¬ 
els.  The  seasonal  COP  for  the  combined  heating  loads  was  2.7.  This 
value  included  motor  efficiency  and  transient  thermal  losses  from 
the  tank. 

The  refrigerant  charge  volume  is  an  important  parameter  for 
TCHP  systems.  Cho  et  al.  [76]  investigated  the  impacts  of  charge  vol¬ 
ume  using  an  experimental  system  designed  for  cooling.  COPcoo;ing 
increased  as  charge  volume  increased  to  an  optimum  point.  Beyond 
the  optimum  point,  there  is  a  slow  reduction  in  COPcoo|ing  as  the 
system  becomes  overcharged.  Compared  to  other  refrigerants,  C02 
performance  was  much  more  sensitive  to  under-charged  condi¬ 
tions. 

Several  studies  compared  the  performance  of  experimental  sys¬ 
tems  using  C02  versus  analogous  systems  using  other  refrigerants 
[63,72,77-79].  Tamura  et  al.  [77]  built  and  tested  a  prototype 
automotive  air  conditioning  system  for  heating,  cooling  and  dehu¬ 
midification  using  a  transcritical  C02  cycle.  The  design  goal  was 
to  match  or  exceed  both  the  heating  and  cooling  performance  of 
an  analogous  system  using  R134a.  For  tests  under  cooling  condi¬ 
tions,  COPcoo/(ng  values  were  equal  for  C02  and  R134a.  For  heating 
mode,  the  transcritical  C02  system  achieved  a  heating  COP  1.31 
times  greater  than  the  R134a  system.  Cecchinato  et  al.  [63]  also 
found  C02’s  performance  to  be  similar  to  that  of  R134a,  but 
C02  actually  performed  better  than  R134a  in  applications  with 
larger  secondary-fluid  temperature  increase.  Furthermore,  results 
showed  that  in  trials  with  large  temperature  increase,  C02  bene¬ 
fited  more  than  R134a  from  an  increase  in  gas  cooler  (condenser) 
size. 
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The  performance  of  a  system  using  R41 0A  was  compared  to  that 
of  a  transcritical  CO2  system  by  Richter  et  al.  [78].  The  air-to-air 
systems  were  tested  for  different  ambient  conditions.  COP  values 
for  the  C02  system  were  generally  lower  than  the  R410A  system; 
however,  heating  capacity  was  greater  for  C02  under  most  operat¬ 
ing  temperatures.  One  significant  finding  of  the  study  was  that  as 
ambient  temperature  decreased,  the  heating  capacity  of  the  TCHP 
decreased  marginally  compared  to  the  R410A  system.  Thus  C02 
systems  would  require  less  supplemental  heat  at  lower  ambient 
temperatures. 

6.2.  Component  and  system  modifications 

The  improvement  of  overall  cycle  performance  in  a  TCHP 
generally  requires  consideration  of  the  system  as  a  whole.  The 
interactions  between  the  components  do  not  always  allow  for  iso¬ 
lated  improvements  to  a  single  component.  Still,  each  component 
or  process  in  the  cycle  plays  a  role  in  dictating  the  overall  perfor¬ 
mance  of  the  system. 

Analysis  the  exergetic  efficiency  (2nd  law  efficiency)  of  TCHP 
provides  insight  as  to  which  components  hold  the  greatest  poten¬ 
tial  for  overall  improvements  of  cycle  performance.  A  theoretical 
analysis  of  2nd  law  efficiencies  by  Robinson  and  Groll  [66]  com¬ 
pared  the  component  irreversibilities  (exergy  losses)  in  a  basic 
TCHP.  The  study  showed  that  the  expansion  valve  suffers  the  most 
irreversibilities  followed  in  order  by  the  compressor,  gas  cooler  and 
evaporator.  Yang  et  al.  [80]  also  found  that  the  most  exergy  loss 
occurred  in  the  expansion  valve,  but  concluded  that  the  next  great¬ 
est  contribution  to  exergy  loss  depended  on  operating  conditions. 
In  some  cases  the  losses  of  the  gas  cooler  were  greater  than  that  of 
the  compressor.  In  other  cases  the  trend  was  reversed. 

In  contrast  to  Robinson  and  Groll  [66]  and  Yang  et  al.  [80],  Sarkar 
et  al.  [81  ]  concluded  that  the  compressor  had  greatest  exergy  loss, 
followed  in  order  by  the  gas  cooler,  evaporator  and  finally  the 
expansion  valve.  The  model  of  Sarkar  et  al.  [81]  was  designed  for 
simultaneous  heating  and  cooling  and  included  the  effects  of  heat 
transfer  and  fluid  flow.  These  factors  may  have  led  to  the  differences 
from  the  other  studies. 

Each  process  in  the  cycle  can  be  modified  in  a  variety  of  ways 
in  the  attempt  to  improve  overall  performance.  Some  modifi¬ 
cations  make  isolated  alterations  of  only  one  component.  Other 
modifications  are  more  closely  tied  to  the  interaction  of  system 
components.  These  changes  may  require  the  alteration  more  than 
one  component.  Sections  6.2.1 -6.2.3  will  address  the  possible  pro¬ 
cess  modifications  which  may  lead  to  cycle  improvements. 

6.2 A.  Heat  exchanger  modifications 

Improvements  to  the  gas  cooler  and  the  evaporator  can  sig¬ 
nificantly  impact  the  performance  and  application  potential  of 
TCHPs.  Pettersen  et  al.  [82]  reviewed  unique  characteristics  of  heat 
exchangers  used  for  C02  in  evaporators  and  gas  coolers.  By  increas¬ 
ing  the  contact  area  between  the  refrigerant  and  the  heat  exchanger 
surface,  microchannel  tubes  can  reduce  the  overall  size  of  a  heat 
exchanger  for  a  given  heating  or  cooling  capacity.  The  automo¬ 
tive  market  in  particular  would  benefit  from  the  reduced  size  and 
weight  of  micro-channel  heat  exchangers.  MicroChannel  tubes  are 
also  capable  of  withstanding  high  working  pressures,  making  them 
compatible  with  C02  systems. 

The  design  of  a  gas  cooler  is  strongly  dependant  on  the  sec¬ 
ondary  fluid  used  and  the  flow  characteristics.  Frank  and  Garimella 
[83]  drew  attention  to  the  importance  of  the  ratio  between  C02 
and  secondary  fluid  heat  transfer  coefficients.  Generally  /iair  <  hc o2 
and  hwater  >  h co2  •  Therefore  in  a  water  coupled  heat  exchanger  the 
overall  heat  transfer  coefficient  is  more  sensitive  to  the  C02  heat 
transfer  coefficient;  hco2  is  the  primary  factor  which  determines 
overall  heat  transfer  coefficient.  In  an  air  coupled  heat  exchanger 


the  overall  heat  transfer  coefficient  is  more  sensitive  to  the  heat 
transfer  coefficient  of  air;  /tair  dominates  the  overall  heat  transfer 
coefficient. 

Gas  cooler  performance  improves  when  the  temperature  dif¬ 
ference  between  C02  and  the  heat  recovery  fluid  (air  or  water)  at 
any  point  in  the  gas  cooler  is  reduced.  Sarkar  et  al.  [60,81  ]  analyzed 
the  irreversibilities  of  the  gas  cooler  and  concluded  that  approxi¬ 
mately  90%  of  the  heat  exchanger  losses  were  due  to  temperature 
differences  between  the  refrigerant  and  the  secondary  fluid.  Irre¬ 
versibilities  due  to  pressure  drop  in  the  gas  cooler  were  negligible 
in  comparison. 

In  a  counter-flow  gas  cooler,  the  difference  between  the  C02 
inlet  temperature  and  the  secondary  fluid  outlet  temperature  is 
known  as  the  hot-side  approach  temperature  difference  {ATap). 
Cold-side  A Tap  is  the  difference  between  C02  outlet  temperature 
and  secondary  fluid  inlet  temperature.  Frank  and  Garimella  [83,84] 
showed  that  as  the  cold-side  ATap  is  reduced,  the  optimum  gas 
cooler  pressure  is  reduced.  This  leads  to  a  reduction  in  compressor 
work. 

Losses  due  to  temperature  difference  can  be  reduced  by  increas¬ 
ing  heat  transfer  area,  but  there  is  a  limit  to  the  effectiveness 
of  this  approach.  A  theoretical  optimization  of  tube-in-tube  heat 
exchanger  geometry  was  performed  by  Sarkar  et  al.  [85]  based  on 
minimizing  irreversibility.  The  study  showed  that  for  a  given  set  of 
operating  conditions,  a  heat  exchanger  has  an  optimum  capacity 
for  a  given  diameter  and  length  of  the  refrigerant  tube.  Below  the 
optimum  diameter,  increased  pressure  drop  leads  to  greater  vis¬ 
cous  losses.  Increasing  the  diameter  decreases  the  pressure  drop 
but  increases  the  thermal  dissipation  due  to  reduced  heat  transfer 
coefficient.  Thermal  dissipation  can  be  reduced  by  increasing  tube 
length,  but  this  in  turn  leads  to  increased  pressure  drop.  Hence  an 
optimum  set  of  dimensions  exist  which  will  provide  the  greatest 
heat  transfer  capacity. 

Shell  and  tube  heat  exchangers  for  use  with  C02  were  theo¬ 
retically  analyzed  by  Hwang  and  Radermacher  [86].  Three  shell 
and  tube  heat  exchanger  designs  were  modeled  for  gas  cooling 
and  evaporation  processes.  For  each  heat  exchanger  the  perfor¬ 
mance  and  the  component  mass  was  compared  to  conventional 
R22  heat  exchangers.  The  C02  gas  cooler  could  achieve  an  equiv¬ 
alent  capacity  to  the  R22  condenser  while  reducing  the  mass  by 
about  50%. 

Experimental  and  theoretical  studies  by  Frank  and  Garimella 
[83,84]  investigated  a  water-coupled  gas  cooler  with  serpentine 
pattern  microchannel  tubes.  Water  flowed  through  plate-type 
heat  exchangers  with  internal  fins,  while  C02  passed  through  the 
microchannels  in  a  cross-counter-flow  arrangement.  The  config¬ 
uration  facilitated  the  required  heat  capacity  in  a  more  compact 
size. 

Air-coupled  C02  gas  coolers  were  also  investigated  [87-89]. 
Hwang  et  al.  [87]  tested  the  performance  of  a  fin  and  tube  gas  cooler 
under  various  operating  conditions.  The  test  parameters  were  air 
inlet  temperature,  air  velocity,  refrigerant  flow  rate  and  gas  cooler 
pressure.  A  series  of  twelve  parametric  tests  were  conducted  as  a 
first  step  in  establishing  a  performance  database. 

A  microchannel  gas  cooler  was  modeled  by  Yin  et  al.  [88].  In 
the  model,  C02  flowed  through  microchannel  tube-banks,  while  air 
was  maintained  in  cross-flow  conditions.  Each  tube  bank  consisted 
of  ten  or  more  parallel  microchannel  tubes  connected  to  a  header  at 
each  end.  As  a  baseline  a  single  tube-bank  was  tested.  Two  config¬ 
urations  were  tested:  in  the  first  test,  additional  tube-banks  were 
added  in  the  plane  perpendicular  to  the  air  flow  (thus  increasing  the 
frontal  area  of  the  heat  exchanger);  in  the  second  test,  tube-banks 
were  aligned  in  the  direction  the  air  flow,  one  behind  the  other,  as 
shown  in  Fig.  4.  In  the  first  test,  the  model  showed  an  increase  in 
heating  capacity  from  one  to  three  sets  of  tube-banks.  More  than 
three  tub-banks  produced  marginal  increase  in  heat  capacity.  In 


B.T.  Austin,  K.  Sumathy  /  Renewable  and  Sustainable  Energy  Reviews  15  (201 1 )  4013-4029 


4021 


Fig.  4.  Heat  exchanger  tube-bank  configurations  for  microchannel  gas  cooler  (88]. 


the  second  test,  increasing  the  number  of  tube  banks  resulted  in  a 
decreased  A Tap  and  an  increased  heating  capacity. 

Neksa  et  al.  [89]  proposed  a  novel  TCHP  system  in  which  the  gas 
cooler  rejects  heat  to  air  driven  by  natural  convection  instead  of 
a  fan.  Both  experimental  and  simulation  studies  were  conducted. 
The  counter  flow  gas  cooler  consisted  of  vertical  aluminum  fins  for 
upward  air  flow  bonded  to  vertical  refrigerant  tubes  with  high  tem¬ 
perature  CO2  entering  at  the  top.  The  experimental  setup  achieved 
cold-end  A Tap  from  2.6  to  10.8  °C  and  a  heat  output  between  71 
and  140W  for  different  operating  conditions.  Further  experimen¬ 
tation  investigated  the  effects  of  an  extended  “chimney”  attached 
to  the  top  of  the  heat  exchanger.  This  modification  increased  the 
air  flow  rate  and  the  heat  output.  The  simulation  model  was  used 
to  optimize  fin  spacing,  thickness  and  height  and  to  analyze  other 
system  modifications. 

Research  has  also  been  conducted  to  investigate  heat  exchanger 
modifications  for  use  in  CO2  evaporators.  Bendaoud  et  al.  [90] 
developed  a  model  for  the  purpose  of  analyzing  the  performance 
of  finned  tube  evaporators  with  CO2.  The  model  showed  that  the 
pressure  drop  of  CO2  through  the  evaporator  is  less  than  with 
other  refrigerants.  The  use  of  a  microchannel  heat  exchanger  as 
the  evaporator  has  also  been  shown  to  improve  the  performance  of 
a  TCHP  system.  Yun  et  al.  [91  ]  used  a  numerical  model  to  compare 
a  microchannel  evaporator  for  air  conditioning  with  a  conven¬ 
tional  fin-and-tube  evaporator.  The  model  was  validated  against 
the  results  of  an  experimental  system  using  R134a  and  also  val¬ 
idated  against  the  results  of  a  study  by  Beaver  et  al.  [92].  The 
microchannel  evaporator  had  a  33%  greater  heat  transfer  capac¬ 
ity.  Compared  to  the  conventional  heat  exchanger,  the  capacity  of 
the  microchannel  heat  exchanger  was  more  strongly  dependant  on 
tube  width,  tube  pitch  and  fin  spacing. 

Other  authors  have  also  developed  models  for  the  purpose  of 
analyzing  microchannel  evaporators  using  C02.  Kim  and  Bullard 
[93]  developed  a  model  to  analyze  the  performance  of  a  two-slab 
microchannel  evaporator.  The  model  incorporated  existing  correla¬ 
tions  for  heat  transfer  coefficient  and  pressure  drop  and  can  be  used 
to  aid  in  designing  compact  microchannel  evaporators  for  use  with 
C02.  Jin  et  al.  [94]  developed  their  model  using  new  correlations 
specifically  developed  for  C02.  The  model  was  validated  experi¬ 
mentally  and  was  shown  to  be  applicable  for  systems  with  high  or 
even  superheated  vapor  quality. 

CO2  is  well  suited  for  use  with  microchannel  tubes  because  its 
high  working  pressure  and  high  vapor  density  reduce  the  problem 
of  phase  maldistribution  experienced  by  other  refrigerants.  Brix 
et  al.  performed  a  modeling  study  to  analyze  the  effects  of  non- 
uniform  CO2  distribution  [95].  CO2  maldistribution  is  considered 
both  due  to  non-uniform  airflow  and  due  to  non-uniform  phase 
distribution  in  the  channels.  For  horizontal  flow  of  refrigerant, 
uneven  airflow  distribution  and  non-uniform  refrigerant  quality 
at  the  inlet  both  caused  reduction  in  the  evaporator  capacity.  For 


Fig.  5.  Heat  exchanger  slab  configurations  for  microchannel  evaporator  [91  ]. 

vertical  upward  flow,  airflow  maldistribution  caused  capacity 
reduction,  but  refrigerant  phase  distribution  did  not  impact  the 
capacity.  The  authors  note  that  for  a  system  with  more  than  two 
channels  the  results  may  prove  different. 

The  alignment  and  orientation  of  the  evaporator  slabs  also 
impacts  the  performance  of  a  C02  evaporator.  A  simulation  by  Yun 
et  al.  [91  ]  compared  the  performance  of  two  cross-flow  evaporator 
configurations  using  C02  as  the  refrigerant  and  air  as  the  secondary 
fluid.  Fig.  5  shows  the  two  arrangements.  Two  slabs  of  microchannel 
tubes  arranged  in  a  V-shape  showed  better  heat  transfer  capacity 
than  two  slabs  arranged  in  series  with  respect  to  airflow. 

An  indirect  modification  of  the  evaporation  process  is  the  addi¬ 
tion  of  a  flash  gas  bypass  (FCB)  system.  Fig.  6  shows  the  schematic 
diagram  of  a  TCHP  with  FGB.  In  a  FGB  arrangement,  the  refrigerant 


Fig.  6.  Schematic  diagram  of  TCHP  with  flash  gas  bypass  [96], 
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expands  through  a  single  throttling  device  to  the  evaporator  pres¬ 
sure  and  then  enters  a  flash  tank.  From  the  flash  tank  only  saturated 
liquid  enters  the  evaporator  while  vapor  bypasses  the  evaporator. 
The  evaporation  process  is  impacted  because  the  vapor  quality  at 
the  evaporator  inlet  is  significantly  reduced.  An  experimental  study 
by  Elbel  and  Hrnjak  [96]  showed  that  FGB  increased  the  C02  evap¬ 
orator’s  heat  transfer  capacity  up  to  9%,  and  COPcoo/ing  of  the  TCHP 
system  improved  up  to  7%.  The  improved  performance  can  mainly 
be  attributed  to  reduced  pressure  drop  through  the  evaporator  and 
increased  heat  transfer  coefficient  in  the  evaporator. 

In  the  same  study,  Elbel  and  Hrnjak  [96]  also  investigated 
the  impacts  of  a  FGB  arrangement  on  the  C02  distribution  in  a 
microchannel  evaporator.  FGB  led  to  more  uniform  refrigerant  dis¬ 
tribution  in  the  evaporator. 

6.2.2.  Compression  process  modifications 

Efficiency  of  a  TCHP  can  be  improved  by  various  modifications 
of  the  compression  process.  The  most  basic  compressor  modifica¬ 
tion  is  two-stage  compression.  By  separating  compression  into  two 
stages,  each  compressor  will  have  a  lower  pressure  ratio  which  in 
turn  improves  the  isentropic  efficiency.  Further  improvements  in 
cycle  efficiency  can  be  obtained  by  cooling  the  refrigerant  between 
the  compression  stages.  Cecchinato  et  al.  [97]  showed  that  the 
use  of  intercooling  in  a  transcritical  C02  system  with  two-stage 
compression  led  to  improved  cycle  efficiency.  There  are  various 
methods  of  intercooling,  and  multi-stage  compression  systems  can 
be  configured  in  different  ways  as  will  be  discussed  in  below. 

A  theoretical  study  by  Cecchinato  et  al.  [97]  analyzed  the 
performance  of  transcritical  C02  air  conditioning  system  incorpo¬ 
rating  dual  compression  with  intercooling  (DCW1).  Fig.  7  shows 
the  system  configuration.  Compared  to  a  system  using  single-stage 
compression,  DCWI  improved  the  COPcoo/jng  9%.  At  lower  evapo¬ 
rator  temperatures,  COPcoo|jng  gains  were  more  substantial.  The 
results  also  showed  that  the  benefits  of  inter  stage  cooling  are 
strongly  enhanced  by  the  use  of  a  suction  line  heat  exchanger. 

A  common  method  of  intercooling  is  to  reject  heat  to  ambient 
air  by  means  of  a  heat  exchanger.  Cecchinato  et  al.  [97]  pointed 
out  that  due  to  the  higher  temperatures  involved  in  the  trans¬ 
critical  cycle,  C02  is  better  able  to  take  advantage  of  intercooling 
by  rejecting  heat  to  the  environment  than  conventional  refrig¬ 
erants.  Cavallini  et  al.  [7]  tested  the  cooling  performance  of  an 
experimental  system  incorporating  DCWI  at  different  intercooler 
temperatures.  The  COPcoo/ing  at  optimum  discharge  pressures  was 
2.1  for  the  20.5  and  21.5°C  intercooler  temperatures  and  1.8 
for  the  33.0  °C  temperature.  A  simulation  model  was  also  devel¬ 
oped  in  order  to  analyze  three  modifications  to  the  two-stage 


Fig.  7.  TCHP  with  dual-compression  and  intercooling  [97], 


compression  system.  The  addition  of  a  SLHX  provided  a  7.6% 
improvement  in  COPcoo)ing.  Incorporating  two-stage  throttling 
improved  the  COPcoo/lng  by  21.1%.  Including  both  of  these  modifi¬ 
cations  increased  the  COP cooung  by  24.0%  above  that  of  the  baseline 
system. 

Beyond  DCWI,  various  systems  can  be  configured  which  inte¬ 
grate  modifications  of  both  the  expansion  and  compression 
processes.  Flash  intercooling  is  an  alternative  means  of  cooling  the 
refrigerant  between  compression  stages  in  which  the  inter-stage 
C02  temperature  is  reduced  by  mixing  with  expansion  vapor  in 
a  flash  tank.  Fig.  8  shows  the  system  schematic  and  cycle  dia¬ 
gram  of  a  TCHP  incorporating  flash  intercooling.  Agrawal  and 
Bhattacharyya  [98]  determined  that,  unlike  other  methods  of  inter¬ 
cooling,  two-stage  compression  with  flash  intercooling  decreased 
the  COP  compared  to  that  of  an  analogous  system  with  single  stage 
compression.  This  is  due  to  the  fact  that  mass  flow  rate  through 
the  second  stage  compressor  increases  significantly.  Though  the 
specific  work  of  compression  in  the  second  stage  is  reduced,  actual 
compression  work  in  the  second  stage  increases.  Intermediate  pres¬ 
sure  was  found  to  have  little  impact  on  COP. 

Another  modification  is  the  use  of  an  economizer  tank,  which 
is  similar  to  the  flash  gas  bypass  system  discussed  in  Section  6.2.1. 
Economizer  systems  in  various  configurations  have  been  studied 
by  several  researchers  [97,99-101],  Cho  et  al.  [99]  obtained  an 
increase  in  COPcoo|ing  up  to  16.5%  by  the  addition  of  an  economizer 
to  an  experimental  dual  compression  transcritical  C02  system. 
Cecchinato  et  al.  [97]  theoretically  analyzed  a  similar  system  which 
resulted  in  a  COPcoo(jng  increase  of  16.8-28.7%  compared  to  a  sys¬ 
tem  using  single  compression.  Sarkar  and  Agrawal  [100]  tested  a 

b 


Fig.  8.  TCHP  with  flash  intercooling:  (a)  schematic  diagram  and  (b)  cycle  P-h  diagram  [98], 
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Fig.  9.  Reciprocating  piston  compressor  with  Voorhees  modification  [101], 


Fig.  11.  Schematic  diagram  of  an  auxiliary  loop  TCHP  system  [97], 


parallel  compression  system  with  an  economizer.  The  COPcoo/jng 
improved  by  47.3%  over  a  conventional  transcritical  system. 

Zha  et  al.  [101]  tested  an  experimental  laboratory  setup  which 
included  a  flash  economizer  and  a  single-stage  reciprocating  piston 
compressor  with  a  Voorhees-type  modification.  In  a  Voorhees  com¬ 
pressor,  intermediate  pressure  C02  is  injected  into  the  compression 
chamber  during  only  a  portion  of  the  intake  stroke.  The  compres¬ 
sor  modification  is  shown  in  Fig.  9.  The  Voorhees-economizer  cycle 
was  compared  to  a  single  stage  compression  cycle  without  econo¬ 
mization.  The  economizer-cycle  increased  heating  capacity  for  all 
operating  conditions;  however,  COP  improved  only  for  low  com¬ 
pressor  speeds  and  low  evaporator  temperatures.  At  an  evaporator 
temperature  of-20°C,  the  economizer  provided  nearly  double  the 
heating  capacity. 

A  dual  compression-dual  expansion  system  with  internal  heat 
exchanger  was  experimentally  tested  for  water  heating  by  Fer¬ 
nandez  et  al.  [64].  The  performance  was  compared  to  a  system 
that  used  only  dual  compression  with  intercooling.  COP  improved 
7.5%  for  the  test  with  a  small  increase  in  water  temperature  and 
an  ambient  temperature  of  10°C.  At  higher  ambient  temperatures 
and  for  larger  temperature  glide  requirements,  COP  was  virtually 
unchanged  or  actually  decreased. 

Cecchinato  et  al.  [97]  theoretically  studied  a  system  similar 
to  Fernandez  et  al.  [64]  with  the  addition  of  a  SLHX  prior  to 
the  low  pressure  compressor,  see  Fig.  10.  The  other  distinction 
is  that  the  simulation  was  performed  for  cooling.  The  study  con¬ 
cluded  that  COP coonng  improved  15.6%  compared  to  a  DCW1  system 
with  an  evaporator  temperature  of  -30  °C.  Furthermore  COPcoo/jng 
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Pressure 
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Fig.  10.  Schematic  diagram  of  a  dual-compression  dual-expansion  system  [97], 


improved  20.6-29.3%  for  all  conditions  compared  to  a  single  com¬ 
pression  system. 

A  transcritical  system  very  unlike  those  of  the  previous  studies 
was  theoretically  analyzed  by  Cecchinato  et  al.  [97],  The  system  was 
composed  of  two  separate  heat  pump  loops  with  independent  com¬ 
pressors.  An  internal  heat  exchanger  served  as  the  evaporator  in  the 
auxiliary  loop  while  also  subcooling  the  main-loop  refrigerant  prior 
to  expansion.  The  system  is  represented  in  Fig.  1 1 .  Compared  to  heat 
pumps  with  more  complex  dual  compression  cycles,  the  auxiliary 
cycle’s  cooling  performance  was  better  only  for  low  intermediate 
pressures. 

6.2.3.  Expansion  process  modifications 

The  two  functions  of  the  expansion  device  are  to  maintain  the 
pressure  difference  between  the  gas  cooler  and  the  evaporator 
and  to  maintain  proper  flow  of  distribution  to  the  evaporator.  As 
discussed  in  Section  6.1,  optimum  system  performance  requires 
maintaining  the  optimum  pressure  in  the  gas  cooler,  therefore  the 
expansion  device  plays  an  important  role  efficient  system  opera¬ 
tion.  An  experimental  study  by  Aprea  and  Maiorino  [102]  examined 
a  method  of  maintaining  the  optimum  high  side  pressure  by  two- 
stage  expansion  under  changing  ambient  temperatures.  The  test 
setup  incorporated  a  pressure  valve  and  an  electronically  con¬ 
trolled  expansion  valve. 

6.2.3A.  Capillary  tube  expansion.  The  primary  means  of  expansion 
control  for  experimental  transcritical  C02  heat  pump  systems  is 
through  an  expansion  valve.  Small  refrigeration  and  heat  pump 
units  using  conventional  refrigerants  commonly  incorporate  cap¬ 
illary  tubes  for  expansion  control,  but  there  has  been  uncertainty 
about  the  effectiveness  of  capillary  tubes  in  transcritical  C02  sys¬ 
tems.  In  order  to  ensure  that  a  capillary  tube  can  maintain  the 
optimum  gas  cooler  pressure  and  achieve  optimal  overall  system 
performance  theoretical  studies  have  been  conducted  [103-109]. 
The  studies  generally  indicate  capillary  tubes  can  perform  ade¬ 
quately  in  TCHPs. 

Agrawal  and  Bhattacharyya  [103-105]  performed  a  series  of 
numerical  studies  on  the  flow  characteristics  of  C02  in  adiabatic 
capillary  tubes  and  the  performance  of  TCHP  systems  incorporat¬ 
ing  capillary  expansion  control.  In  one  study  [103]  a  capillary  tube 
was  used  in  a  system  designed  for  simultaneous  heating  and  cool¬ 
ing.  Performance  was  compared  to  a  system  studied  by  Sarkar  et  al. 
[70]  which  used  a  controllable  expansion  valve.  Capillary  length 
had  significant  influence  on  the  gas  cooler  pressure  and  on  the  sys¬ 
tem  COP.  With  optimal  capillary  length  the  system  was  tested  for 
a  range  of  gas  cooler  exit  temperatures.  The  optimized  capillary 
tube  was  able  to  very  closely  match  the  optimal  gas  cooler  pres¬ 
sure  calculated  using  the  expansion  valve.  The  COP  for  capillary 
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Fig.  12.  Section  of  a  non-adiabatic  capillary  tube  heat  exchanger  [108], 

and  expansion  valve  systems  were  nearly  the  same  and  cooling 
capacity  of  the  capillary  system  was  slightly  better.  Optimal  capil¬ 
lary  tube  length  was  found  to  be  strongly  dependant  on  capillary 
diameter  and  surface  roughness. 

Exergetic  efficiency  of  a  transcritical  CO2  system  using  a  cap¬ 
illary  tube  for  expansion  control  was  also  examined  by  Agrawal 
and  Bhattacharyya  [104].  The  exergy  efficiency  of  a  TCHP  with  a 
capillary  tube  was  13-19%  greater  than  that  of  a  system  using  a 
controllable  expansion  valve  operating  with  the  same  conditions. 
Exergy  efficiency  decreased  under  conditions  of  increased  capillary 
diameter  or  conditions  of  increased  capillary  length. 

Madsen  et  al.  [106]  also  considered  the  performance  of  a  capil¬ 
lary  tube  in  a  transcritical  C02  cycle.  A  capillary  tube  was  compared 
to  a  fixed  pressure  valve  and  an  adjustable  (optimized)  expan¬ 
sion  valve.  Simulation  was  based  on  a  constant  enthalpy  expansion 
model.  Capillary  performance  was  superior  to  the  fixed  pressure 
valve  but  the  adjustable  expansion  valve  produced  the  best  COP. 
Authors  concluded  that  for  a  small  system,  a  capillary  tube  can  be 
a  competitive  solution  for  expansion  control. 

In  addition  to  adiabatic  capillary  tubes,  non-adiabatic  capillary 
tubes  have  been  investigated  as  well  [107-109].  In  a  non-adiabatic 
capillary  tube,  refrigerant  will  reject  heat  to  the  environment  dur¬ 
ing  the  expansion  in  the  tube.  However,  the  heat  rejected  from  a 
non-adiabatic  capillary  could  be  utilized  as  useful  heat.  As  shown 
in  Fig.  12,  the  capillary  can  serve  as  a  heat  exchanger  by  soldering 
a  portion  of  the  capillary  to  the  refrigerant  line  between  the  evap¬ 
orator  outlet  and  the  compressor  inlet.  This  provides  superheated 
vapor  to  the  compressor  in  the  same  way  as  an  SLHX.  Chen  and 
Gu  [107]  analyzed  this  type  of  system  using  used  a  non-adiabatic 
flow  model  to  examine  heat  exchange  and  flow  characteristics  of  a 
transcritical  C02  capillary  tube.  Cooling  capacity  of  the  system  was 
found  to  decrease  as  capillary  length  increased  for  a  given  inner 
diameter  and  pressure. 

Non-adiabatic  capillary  tubes  were  also  investigated  by  Agrawal 
and  Bhattacharyya  [108,109].  Flow  characteristics,  heat  transfer 
characteristics  and  system  performance  were  analyzed.  Particular 
attention  was  paid  to  the  effect  of  gas  cooler  outlet  temperature, 
evaporator  temperature  and  placement  of  the  heat  exchange  por¬ 
tion  of  the  tube  relative  to  the  flow  condition  of  C02  in  the  tube 
( super  critical,  transcritical,  or  two-phase  subcritical).  It  was  recom¬ 
mended  that  the  heat  exchange  take  place  through  the  two-phase 
region  of  the  capillary. 

6.23.2.  Expansion  work  recovery.  Using  an  expansion  valve  or  cap¬ 
illary  tube  results  in  an  energy  loss  because  no  useful  work  is  done 
by  the  expansion  process.  These  expansion  losses  associated  with 
heat  pumps  using  conventional  refrigerants  are  generally  small.  In 
a  transcritical  C02  cycle,  the  greater  pressure  difference  results  in 
greater  expansion  losses,  thus  making  work  recovery  more  feasible 
and  more  beneficial.  A  theoretical  investigation  by  Yang  et  al.  [80] 


Table  1 

Theoretical  COPmoimg  of  transcritical  C02  system  and  subcritical  R22  system  both 
incorporating  expanders  of  various  isentropic  efficiencies  [79], 


Expander 
efficiency  (%) 

COPcoo/ing  3t 

^ambient  =  28°  C 

COP  cooling  3t 

^ambient  =  50  °C 

C02 

R22 

C02 

R22 

100 

6.9-7.6 

5.8 

2.9-3.0 

3.3 

80 

6.4-7.0 

5.8 

2. 5-2. 6 

3.2 

60 

5.9-6.5 

5.7 

2.2-23 

3.1 

0 

4.8-53 

5.5 

1.6 

2.8 

determined  that  the  use  of  an  expander  in  place  of  a  conventional 
expansion  valve  produced  a  50%  decrease  in  exergy  loss,  resulting 
in  a  30%  improvement  in  system  exergy  efficiency.  The  expander 
reduced  the  optimum  gas  cooler  pressure  and  led  to  a  33%  higher 
COPcoo/ing. 

There  are  many  devices  which  can  potentially  be  used  as 
expanders  for  the  purpose  of  work  recovery  in  a  TCHP.  In  addition 
to  turbines,  expander  types  include  rotary,  reciprocating,  scroll, 
screw,  and  vane.  Each  design  has  its  advantages  and  limitations. 
Experimental  and  theoretical  research  has  been  conducted  on  a 
wide  variety  of  systems. 

Huff  and  Radermacher  [79]  carried  out  a  theoretical  study  which 
compared  the  performance  of  reciprocating  piston,  rotary  pis¬ 
ton,  and  scroll  expander/compressor  pairs  in  a  transcritical  C02 
cooling  system.  Each  setup  paired  the  same  type  of  compressor 
and  expander.  The  simulation  modeled  valve  losses,  internal  leak¬ 
age,  internal  heat  transfer  and  unmatched  volume  ratio.  Results 
indicated  that  the  reciprocating  and  rotary  piston  expanders  had 
similar  performance,  but  the  scroll  expander  performed  poorly 
when  leakage  gaps  were  larger  than  5  |xm.  The  simulation  also  eval¬ 
uated  the  performance  of  a  C02  system  with  expander  relative  to  a 
system  using  R22  with  expander  and  with  expansion  valve.  Table  1 
compares  the  performance  at  ambient  temperatures  of  28  °C  and 
50  °C  and  expander  efficiencies  of  100%,  80%,  60%,  and  0%.  The  C02 
system  generally  performed  better  than  the  R22  system  for  lower 
ambient  temperatures. 

A  numerical  simulation  of  a  C02  transcritical  cooling  cycle  with 
a  scroll  type  expander  was  performed  by  Kim  et  al.  [110],  The  sys¬ 
tem  incorporated  two-stage  compression  with  intercooling  using 
scroll  compressors.  The  expander  shaft  was  directly  coupled  to  the 
first  stage  compressor.  The  model  accounted  for  leakage  by  assum¬ 
ing  a  scroll  clearance  of  8  p,m.  At  a  gas  cooler  exit  temperature 
of  35  °C  and  compressor  inlet  and  outlet  pressures  of  35  bar  and 
1 00  bar  respectively,  the  total  efficiency  of  the  expander  was  54.4%. 
The  expander  efficiency  was  relatively  stable  for  changing  pres¬ 
sure  ratios,  however,  the  compressor  efficiency  decreased  as  inlet 
pressure  increased.  The  expander  reduced  the  required  external 
compressor  work  by  about  12%.  This  resulted  in  an  increase  in  the 
cooling  capacity  of  8.6%  and  an  increase  in  COPcoo/ing  of  23.5%. 

Baek  et  al.  [1 1 1  ]  designed,  built  and  tested  an  early  prototype  of 
a  two-cylinder  reciprocating  piston  work  recovery  expander  for  use 
with  C02  under  cooling  conditions.  Being  a  prototype,  the  system 
was  not  optimized  and  COPcoo)lng  values  were  actually  less  than  one. 
Only  one  test  condition  included  a  supercritical  pressure.  For  the 
transcritical  test  condition,  the  isentropic  efficiency  of  the  expander 
was  10.27%,  and  the  expander  improved  the  COPcoo;ing  6.6%  com¬ 
pared  to  the  system  using  an  expansion  valve.  A  simulation  model 
was  also  developed  for  the  system  [112],  The  predicted  exhaust 
pressure  was  significantly  higher  than  measured  in  the  experi¬ 
ments.  This  was  attributed  to  a  significant  portion  of  C02  leaking 
from  the  cylinder  via  the  piston  ring  in  the  experimental  prototype. 

A  reciprocating  piston  expander  was  also  tested  by  Nickl  et  al. 
[113].  The  authors  built  and  tested  a  three-stage  piston  expander 
which  directly  powered  the  second  stage  compressor  in  a  C02 
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refrigeration  system.  Isentropic  efficiency  of  the  expander  ranged 
from  65  to  70%.  The  COPcoo;ing  increased  by  40%  compared  to  a 
transcritical  C02  cycle  with  throttling  valve.  The  expander  also 
incorporated  a  liquid-vapor  separator  between  the  second  and 
third  stage  expanders.  This  serves  to  minimize  the  losses  which 
occur  during  the  final  expansion. 

A  reciprocating  expander  such  as  that  tested  by  Nickl  et  al.  [  1 1 3  ] 
is  referred  to  as  a  free  piston  expander  because  the  piston’s  motion 
is  not  converted  to  rotational  motion.  One  of  the  technical  chal¬ 
lenges  for  free  piston  expanders  is  controlling  the  intake  and  outlet 
in  an  efficient  and  effective  manner.  Electronic  control  is  quite  com¬ 
plicated,  pneumatic  control  poses  timing  difficulties,  and  the  lack 
of  rotational  motion  does  not  facilitate  cam  driven  valves.  Zhang 
et  al.  [114]  tested  a  prototype  free  piston  expander-compressor 
with  a  novel  slider-system  as  the  inlet/outlet  control  mechanism. 
Test  results  showed  that  the  control  mechanism  operated  effec¬ 
tively  for  a  range  of  pressure  differences  and  pressure  ratios. 
From  the  measured  data,  expander  efficiency  was  estimated  to 
be  62%. 

Hua  et  al.  [1 15]  theoretically  and  numerically  analyzed  the  per¬ 
formance  of  a  rolling  piston  expander  in  a  transcritical  C02  cycle. 
Fig.  13  shows  a  section  diagram  of  the  rolling  piston  expander.  The 
experimental  system  delivered  a  maximum  expander  efficiency  of 
45%  and  a  maximum  work  recovery  of  1 4.5%.  The  simulation  model 
determined  maximum  work  recovery  of  the  expander  was  about 
14-23%  of  the  compressor  work.  As  gas  cooler  outlet  temperature 
increased  the  work  recovery  ratio  increased  but  COP  decreased.  The 
experiment  also  showed  that  there  is  an  optimal  rotational  speed 
of  the  expander  which  will  maximize  the  expander  efficiency,  work 
recovery  ratio  and  system  COP. 

The  expansion  work  recovery  of  a  swing  piston  expander  was 
experimentally  tested  by  Haiqing  et  al.  [116].  To  test  the  isen¬ 
tropic  efficiency  and  work  recovery,  the  expander  was  connected 
to  an  electrical  generator  with  variable  damped  load.  Maximum 
isentropic  expander  efficiency  ranged  from  28  to  44%  depending 
upon  operating  conditions.  The  expander  efficiency  increased  as 
the  generator  load  increased  from  zero  to  an  optimal  load.  Expander 
efficiency  also  increased  as  expander  inlet  temperature  (gas  cooler 
outlet  temperature)  increased.  However,  as  gas  cooler  outlet  tem¬ 
perature  increased  system  COP  and  heating  capacity  decreased. 
Hence  some  of  the  highest  expander  efficiencies  corresponded  with 
low  system  COP  values. 

Another  potential  expander  design  is  the  revolving  vane 
expander.  Subiantoro  and  Ooi  [117]  compared  the  performance  of 
four  revolving  vane  expanders  designed  for  use  in  a  transcritical 
C02  cycle.  Due  to  low  friction,  revolving  vane  expanders  have  high 
mechanical  efficiency. 


Table  2 

Results  of  simulation  comparing  methods  of  transferring  energy  recovered  from  an 
expansion  turbine  [118], 


Cycle  (Tcv  =  5”C, 

Tgc.o  =40  ’C) 

COP 

Optimum  high 
pressure  (bar) 

Inter-stage 
pressure  (bar) 

Single 

2.418 

100.4 

- 

compression, 

expansion 

valve 

Single 

3.211 

96.14 

compression, 

expander 

DCOP 

3.496 

96.14 

82.62 

DCHP 

3.521 

101.3 

80.90 

DCLP 

3.163 

96.20 

47.97 

To  make  effective  use  of  an  expander,  efficient  energy  trans¬ 
fer  must  occur.  Employing  gear  box  or  generator  systems  results 
in  energy  loss.  Alternatively,  the  expander  can  be  directly  con¬ 
nected  to  one  of  the  system’s  compressors.  Huff  and  Radermacher 
[79]  note  that  for  maximum  utilization  of  the  work  recovered  by 
the  expander,  the  compressor  should  be  directly  coupled  to  the 
expander.  Direct  connection  results  in  an  efficient  energy  transfer; 
however,  the  work  recovered  by  the  expander  varies  with  expander 
speed,  and  direct  connection  may  not  result  in  the  optimum  work 
recovery  at  all  compressor  speeds.  Huff  and  Radermacher  [79] 
determined  that  the  speed  ratio  must  be  designed  such  that  the 
system  will  operate  close  to  the  optimum  for  normal  operating 
conditions. 

A  theoretical  comparison  was  made  by  Yang  et  al.  [  1 1 8  ]  between 
direct  and  indirect  coupling  of  the  expander  and  compressors 
in  a  transcritical  C02  cooling  system  with  dual  compression. 
The  investigation  compared  three  configurations:  (i)  expander 
directly  driving  the  high  pressure  compressor  (DCHP);  (ii)  expander 
directly  driving  the  low  pressure  compressor  (DCLP);  (iii)  expander 
indirectly  driving  the  low  pressure  compressor  with  optimized 
intermediate  pressure  (DCOP).  Schematic  diagrams  of  the  three 
methods  of  energy  transfer  are  shown  in  Fig.  14.  The  systems  were 
also  compared  to  single-stage  compression  systems  with  an  expan¬ 
sion  valve  and  with  an  expander.  The  results  of  the  simulation 
are  presented  in  Table  2.  The  best  performance  was  achieved  by 
the  DCHP  system.  The  DCOP  system  performed  slightly  worse.  The 
DCLP  system  performed  worse  than  a  system  with  single  stage  com¬ 
pression  system  and  expander.  Optimum  inter  stage  pressure  was 
predicted  to  be  much  greater  than  the  geometric  mean  pressure, 
which  is  typically  used  as  the  optimum  intermediate  pressure  in  a 
subcritical  two  stage  compressor. 

A  suction  line  heat  exchanger  can  be  incorporated  into  a  TCHP 
with  expansion  work  recovery,  but  research  has  indicated  that  an 
SLHX  is  not  effective  at  improving  the  system  performance  when 
a  work  recovery  expander  is  used  [66,79].  Robinson  and  Groll  [66] 
used  a  simulation  model  to  investigate  the  impacts  of  an  SLHX  on  a 
system  with  an  expander.  A  TCHP  system  with  an  expansion  valve 
and  SLHX  was  compared  to  a  system  with  a  work  recovery  expan¬ 
sion  turbine.  The  expander  system  was  then  modified  to  include  an 
SLHX.  The  expansion  turbine  system  without  the  SLHX  had  an  aver¬ 
age  COP  25%  higher  than  that  of  the  expansion  valve/SLHX  system. 
The  use  of  both  an  SLHX  and  an  expansion  turbine  actually  reduced 
the  COP  up  to  8%.  Huff  and  Radermacher  [79]  also  determined  that  a 
TCHP  with  a  work  recovery  expander  does  not  benefit  from  a  SLHX. 
The  heat  exchanger  becomes  effective  at  increasing  COP  only  if  less 
than  30%  of  the  work  recovered  by  the  expander  can  be  used  to 
reduce  compressor  work. 

6.23.3.  Ejector  expansion.  An  alternative  method  to  reduce  expan¬ 
sion  losses  is  the  use  of  an  ejector.  An  ejector  reduces  expansion 
losses  and  also  increases  the  pressure  at  the  compressor  inlet,  thus 
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Fig.  14.  Three  methods  of  transferring  work  recovered  from  an  expansion  turbine: 
pressure  drive;  (c)  direct  low  pressure  drive  [118], 

reducing  compressor  work.  Fig.  15  shows  the  schematic  diagram 
and  corresponding  P-h  diagram  of  a  typical  ejector  cycle.  The  basic 
principles  of  ejector  cycle  are  as  follows.  High  pressure  CO2  from 
the  gas  cooler  enters  the  nozzle  of  the  ejector  where  its  velocity  is 
increased  and  pressure  is  decreased.  This  decreased  pressure  draws 
CO2  vapor  from  the  evaporator  into  the  ejectors  mixing  cham¬ 
ber  where  the  pressure  increases.  A  diffuser  is  utilized  to  increase 
CO2  pressure  while  also  lowering  the  velocity.  CO2  then  enters  a 
liquid-vapor  separator  from  which  vapor  is  drawn  into  the  com¬ 
pressor  and  liquid  re-enters  the  evaporator. 

An  ejector  expansion  device  was  first  investigated  by  Korn- 
hauser  [119]  as  an  alternative  throttling  valve  for  a  vapor 
compression  cycle  using  R12  as  a  refrigerant.  Use  of  an  ejector  in  a 
transcritical  C02  cooling  cycle  was  later  theoretically  analyzed  by 
Li  and  Groll  [120]  and  Deng  et  al.  [121].  Li  and  Groll  [120]  modeled 
a  modified  ejector  cycle  which  was  designed  to  adjust  the  vapor 
quality  at  the  evaporator  inlet  and  aid  steady  state  operation.  Deng 
et  al.  [  1 2 1  ]  focused  on  the  importance  of  entrainment  ratio  for  opti¬ 
mized  performance.  Both  studies  found  significant  improvements 
in  COPcoo/jng. 

Sarkar  [122]  theoretically  analyzed  the  use  of  an  ejector  in  a 
TCHP  for  simultaneous  heating  and  cooling.  The  study  modeled 
two  systems:  a  typical  ejector  cycle  and  the  modified  ejector  cycle 
of  Li  and  Groll  [120],  The  performance  difference  between  the  two 
cycles  was  negligible  except  at  low  evaporator  temperatures  where 
the  modified  cycle  was  slightly  less  efficient.  The  ejector-expansion 
cycles  were  also  compared  to  a  conventional  system  with  throttling 
valve  and  a  system  with  a  work  recovery  turbine.  The  ejector- 
expansion  cycles  both  lowered  the  optimum  discharge  pressure 
compared  to  the  throttling  valve  cycle.  Both  ejector  cycles  had  COP 
values  superior  to  the  conventional  cycle,  but  the  system  with  the 
work  recovery  turbine  had  the  best  COP. 


(a)  indirect  low  pressure  drive  with  optimized  intermediate  pressure;  (b)  direct  high 

A  prototype  transcritical  ejector  system  for  cooling  was  built  and 
tested  by  Elbel  and  Hrnjak  [123].  Results  were  compared  to  a  con¬ 
ventional  system  with  expansion  valve,  and  the  results  were  used 
to  validate  a  numerical  model.  The  ejector  improved  COPcoo;jng  by 
up  to  7%,  and  ejector  efficiency  ranged  from  3.5  to  14.5%.  Cycle  per¬ 
formance  was  maximized  at  an  optimum  gas  cooler  pressure,  but 
the  greatest  ejector  efficiency  occurred  at  a  pressure  much  lower 
than  this  optimum  gas  cooler  pressure. 

A  suction  line  heat  exchanger  decreases  the  inlet  temperature 
of  the  ejector  which  increases  both  ejector  efficiency  and  system 
efficiency.  The  impacts  of  an  SLHX  on  a  transcritical  C02  system 
with  an  ejector  were  experimentally  tested  by  Nakagawa  et  al. 
[124].  When  testing  the  system  without  the  SLHX,  the  vapor  qual¬ 
ity  at  the  exit  of  the  separator  was  approximately  0.9  for  most  of 
the  test  conditions.  Thus  the  ejector  system  was  allowing  signifi¬ 
cant  amounts  of  liquid  to  enter  the  compressor,  and  COPcoo/ing  was 
actually  lower  than  an  analogous  system  tested  with  an  expansion 
valve.  With  a  gas  cooler  outlet  temp  of  42  °C,  the  60  cm  suction 
line  heat  exchanger  improved  the  ejector  system’s  COPcoo;ing  by 
55-63%.  At  higher  gas  cooler  outlet  temperatures,  the  performance 
improvement  was  even  more  significant. 

7.  Future  potential  of  transcritical  C02  heat  pump  systems 

CO2  has  proven  its  potential  as  an  appropriate  working  fluid 
for  transcritical  heat  pump  systems  in  the  research  setting.  As  dis¬ 
cussed  in  the  previous  sections,  the  performance  of  C02  systems 
can  match  or  exceed  the  performance  of  conventional  refrigerants 
in  many  applications.  In  addition,  there  has  already  been  some  com¬ 
mercialization  of  transcritical  CO2  heat  pump  systems,  the  most 
notable  of  which  are  the  Japanese  heat  pump  water  heaters  which 
uses  C02  in  a  transcritical  cycle.  The  systems  are  manufactured  by 
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Fig.  15.  TCHP  with  ejector  expander:  (a)  system  schematic  and  (b)  cycle  P-h  diagram  [122]. 
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several  companies  and  are  marketed  as  the  Eco  Cute  Heat  Pump 
Water  Heater.  As  of  October  2009  more  than  2  million  units  had 
been  sold  in  Japan  [15], 

The  Eco  Cute  system  has  shown  that  C02  heat  pump  systems 
have  the  potential  for  commercialization.  It  is  likely  that  manufac¬ 
turers  will  follow  the  success  of  the  Eco  Cute  and  will  expand  the 
use  of  C02  beyond  residential  water  heaters. 

One  application  which,  to  the  authors’  knowledge,  has  not  been 
investigated  in  the  academic  or  commercial  setting  is  the  use  of  C02 
in  direct  expansion  geothermal  heat  pumps.  C02  holds  the  potential 
to  provide  both  environmental  and  performance  benefits  in  this 
application. 

The  majority  of  geothermal  heat  pump  systems  today  use  a  dual 
loop  system  where  a  single  phase  brine  solution  circulates  through 
the  buried  ground  coils  and  a  heat  exchanger  delivers  the  absorbed 
energy  to  the  heat  pump  loop  [125,126].  Less  common  are  the  direct 
expansion  geothermal  heat  pumps  (DXGHP)  in  which  no  secondary 
brine  loop  exists,  but  rather  the  refrigerant  passes  directly  through 
the  ground  coils.  Hence,  evaporation  takes  place  directly  in  the 
ground  coils. 

One  reason  a  DXGHP  is  less  common  is  the  risk  of  ground  water 
contamination  by  the  refrigerant  if  a  leak  develops  in  the  system 
[127].  Because  it  is  a  non-toxic  natural  substance,  C02  does  not 
pose  any  risk  of  ground  water  contamination.  In  addition,  DXGHP 
systems  require  as  much  as  10  times  more  refrigerant,  by  volume, 
compared  to  brine  based  dual  loop  system  [128].  This  can  signif¬ 
icantly  impact  the  cost  of  a  DXGHP  system  using  an  expensive 
synthetic  refrigerant.  Because  C02  is  readily  available  and  inex¬ 
pensive,  the  increased  charge  volume  would  have  less  affect  on 
cost. 

Another  issue  with  DXGHP  systems  is  excessive  pressure  drop 
in  the  evaporator  [125].  The  long  ground  coils  cause  a  large  fric¬ 
tional  pressure  drop.  As  the  evaporator’s  outlet  pressure  decreases 
the  outlet  temperature  also  decreases,  thus  reducing  the  system’s 
heating  capacity  and  COP.  As  will  be  explained  below,  a  C02  system 
can  tolerate  a  larger  pressure  drop  without  the  significant  decrease 
in  evaporator  temperature  [82]. 

In  the  temperature  range  applicable  for  geothermal  heat  pumps, 
the  change  in  temperature  associated  with  a  given  change  in  sat¬ 
uration  pressure  (i.e.  ST/SPsaturation )  is  much  smaller  for  C02  than 
for  other  refrigerants.  For  example,  at  0  DC  a  1  kPa  decrease  in  pres¬ 
sure  reduces  the  saturation  temperature  of  C02  by  0.01  °C  while  the 
same  pressure  drop  causes  the  saturation  temperature  of  R1 34a  to 
decrease  by  0.10  °C  [6[.  Thus  assuming  equal  pressure  drop  through 
the  ground  coils  of  a  DXGHP  and  equal  inlet  temperatures,  C02  will 
have  a  greater  outlet  temperature  than  other  refrigerants  [82].  For 
this  reason,  C02  may  be  more  suitable  than  other  refrigerants  for 
the  large  evaporative  pressure  drop  associated  with  DXGHP  sys¬ 
tems. 

Carbon  dioxide  has  the  potential  to  improve  the  performance, 
environmental  impacts  and  economics  of  direct  expansion  geother¬ 
mal  heat  pump  systems.  In  order  to  gain  a  better  understanding 
of  the  operating  characteristics  and  feasibility  of  C02  in  a  DXGHP, 
further  theoretical  and  experimental  research  is  needed. 


8.  Conclusion 

Carbon  dioxide  was  used  as  a  refrigerant  in  some  of  the  earliest 
refrigeration  systems.  C02  fell  out  of  favor  when  other  refrigerants 
delivered  superior  performance  over  a  wider  range  of  conditions. 
In  light  of  growing  concerns  over  climate  change,  C02  has  been 
revived  as  a  potential  refrigerant  due  to  its  benign  environmental 
qualities.  To  overcome  limitations  imposed  by  C02’s  low  critical 
point,  most  of  the  research  has  focused  on  the  use  of  C02  in  a  tran- 
scritical  cycle.  Due  to  the  high  working  pressures  and  the  distinct 


nature  of  the  transcritical  cycle,  optimization  of  system  compo¬ 
nents  and  process  parameters  is  ongoing. 

Research  has  shown  that  transcritical  C02  heat  pumps  can  per¬ 
form  well  for  water  and  air  heating  applications.  Furthermore,  a 
significant  body  of  research  has  shown  that  performance  of  the 
basic  transcritical  cycle  can  be  improved  by  modifications  such  as 
dual-stage  compression,  multi-stage  expansion,  expansion  work 
recover  and  heat  exchanger  optimization.  As  environmental  regu¬ 
lations  further  restrict  the  use  of  harmful  refrigerants,  it  is  possible 
that  transcritical  C02  heat  pumps  will  become  much  more  com¬ 
mon. 
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